Introduction
The need for improvements in engine efficiency has become more essential due to the Kyoto Protocol adopted in 1997. The diminishing fossil fuel resources, alongside the CO 2 emission levels have encouraged governments to impose financial penalties for non-compliance with prescribed emissions limits. Advances in engine power output and a reduction in emissions are both targets which can be reached by engine design improvements, such as fuel consumption in an efficient manner as possible.
The main modes of energy loss from an internal combustion engine are thermal and parasitic. Thermal losses are principally generated during the process of combustion, as the various components are heated as a by-product of the fuel burning process. Parasitic losses are those due to generated friction between contacting moving parts, or where the movement of a part may not be particularly efficient in generating vehicle motion. At low engine speeds, parasitic losses are proportionally higher with respect to thermal losses as opposed to higher engine speeds. This paper focuses on the piston ring pack, particularly the top compression ring.
The modelling of piston ring elastodynamics originates from studies regarding the modal response of incomplete circular arches. Lamb [1] was one of the first to study this problem, examining the modal response of small curved bars. An approximate solution to out-of-plane vibrations was presented by Brown [2] , the results of which fell within an acceptable level of error when compared with experimental results. Love [3] described the classical equations of motion for a thin
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incomplete ring, after building on previous work by Mayer [4] . The inextensional vibrations of incomplete rings with small cross sections were discussed by Archer [5] , with clamped boundary conditions. Modal results were presented, showing both the natural frequencies and mode shapes. Lang [6] presented the full dynamic solution methodology for an incomplete ring, with a variety of boundary conditions considered. The mechanical model by Lang [6] is shown in figure 1 . Figure 1 . Ring in-plane degrees of freedom [6] The out-of-plane modal solution was presented by Ojalvo [7] , who built on the previous work of Archer [5] . Figure 2 depicts a cross section of the mechanical model used by Ojalvo. He stated that the in-plane and out-of-plane equations of motion are decoupled, which allows the equations to be solved independently. Figure 2 . Ring out-of-plane (axial) degrees of freedom [7] The transient elastodynamics of compression rings are rarely included in a tribological analysis. Whilst ring flutter and blowby is a widely recognised phenomenon, there has been very little research into improving ring tribological models in an effort to capture these phenomena. Therefore, the inclusion of ring dynamics could be a significant step towards understanding blowby and ring motion within the groove.
A tribological study of the piston ring pack can encompass a wide variety of methodologies and backgrounds, due to the complex nature of the conditions encountered throughout the engine cycle. The lubricant properties, entraining velocity and load are all subject to transience, which yield a complex analysis [8] . According to Taylor [9] , up to 17 influential parameters must be considered when attempting to numerically replicate the ring-liner conjunction, in order to attain results which mirror the 'real life' scenario to an acceptable level of accuracy. This is in part due to the fact that throughout the engine cycle, the top compression ring may pass through all the various regimes of lubrication -boundary, mixed, hydrodynamic and possibly elasto-hydrodynamic (EHL).
Fox et al [10] reported that the lubricant available to the compression ring -cylinder liner conjunction has reduced as restrictions on engine emissions have been enforced on vehicle manufacturers. This reduction in conjunctional gap has led to increased friction of the ring pack from approximately 13% in the 1980s, to around 27% today [11] . A contribution between 13-40% is generally seen, depending on the engine's running conditions and specifications [11] . Clearly, any reduction in these frictional losses would be beneficial. If all parasitic losses are considered, a 10% improvement in mechanical losses would reduce fuel consumption by 1.5%, according to Priest and Taylor [12] .
Tribological studies of the compression ring have been performed from both a numerical and experimental perspective. Furuhama [13, 14, 15 ] undertook a number of experimental and numerical investigations into piston ring tribology. From these reports, further studies on various aspects of the ring-liner conjunction have been carried out. Ma et al [16] and Mishra et al [17] examined ring-bore conformability. Ma concluded that bore distortion may reduce the power loss; however oil consumption would increase as a result. Wing and Saunders [18] fitted inductance transducers to the piston for film thickness measurement. They found the oil-film thickness to be within the range 5-12μm. Hamilton and Moore [19] introduced capacity gauges as a method of measuring film thickness and were able to resolve at much lower films, meaning more accurate film measurements were possible when the film thickness was approaching a mixed regime of lubrication. They observed values of 0.4-2.5μm, which are more in line with expected values at TDC and BDC especially. Mishra et al [20] used Greenwood and Tripp's [21] method, together with measurements of a real out-of-round cylinder bore, to perform a tribological analysis of the compression ring-bore contact. Reasonable agreement was noted with the experimental data presented by Furuhama and Sasaki [22] , as well as previous numerical analysis by Akalin and Newaz [23] . Baker et al [24, 25] presented a methodology, which coupled a verified in-plane dynamic response with the tribological analysis of the piston ring-cylinder liner conjunction.
Regarding blowby, Ting and Mayer [26] considered labyrinth passages made by piston rings for the flow of gas from combustion chamber to the crank case. They assumed the ring end gaps are the only openings for the flow of gas. Ruddy et al [27] modified the previous model to include the frictional losses in the flow of gas through piston rings for large bore engines. It was found that for engines with smaller bore sizes, the pressure drop due to the frictional losses is insignificant. Tian et al [28] included the flow of gas through the ring-groove space considering the ring dynamics in the groove, as well as the gas flow through the ring end gap. It was shown that this flow can be described using Reynolds equation for gas flow. Gulwadi [29] also considered gas flow through the end gap, as well as flow through the ring face. The ring face flow was either due to radial lift of the ring face, or existing gaps between the ring face and liner due to the bore distortions and loss of conformability between ring and liner at those areas. This model was devised using the orifice flow model. Further flow through the ring-groove space was also considered, using Reynolds equation. However, the details of the calculation procedure were not given. Three possible gas leakage paths were identified as follows [27, 29] Ma et al [30] introduced a thermodynamic model combined with the common gas dynamics model for orifice flow to calculate the blowby gas flow. This method enabled calculation of gas temperature in the inter-ring spaces as well. In all the other models, the gas temperature should be known a priori either by assumption or experimental measurements. This method using the first law of thermodynamics along with gas dynamics and ideal gas law allows calculating gas flow rates, gas pressures and temperatures. However, the paper does not provide details on how the enthalpy of the flowing gas was calculated. Mittler et al [31] developed an analytical tool to demonstrate the effect of axial ring motion and twist on blowby.
In-plane ring dynamics were not included in the model, although good agreement between the experimental and analytical results was seen.
This paper is concerned with the coupling of a transient, three-dimensional ring elasto-dynamics model with a gas flow model. The paper focuses on the top compression ring only, although verification of the blowby model is undertaken using a two-ring model. The purpose of this model is to examine the sealing capability of the compression ring throughout the engine cycle, whilst simultaneously predicting the tribological performance. Figure 3 shows the free body diagram of a section of the top compression ring. The forces acting in the ring's radial direction are captured by the in-plane dynamics methodology; those acting in the axial direction are used in the out-of-plane methodology. 
In-Plane Dynamic Response
Referring to figure 3, the in-plane resultant force, ignoring groove friction term F groove , becomes:
The equations of motion which describe the in-plane ring response are derived by Lang [6] :
Where and . F T is the tangential force, which is neglected in this analysis due to the small size of the tangential loads. This is due to piston tilt and bore distortion both not being considered in this study. By solving the eigenvalue problem of equations (2a) and (2b), the natural frequencies and mode shapes can be obtained. This, coupled with the solution to the time-based response of the system (as detailed by Lang [6] and Timoshenko [32] ), gives the complete solution of the equations of motion. This allows for calculation of the ring's in-plane modal response (deformed shape), as a function of force profile and time step, t. The calculated deformation is returned to the tribological model to update the ring-liner gap shape as:
In equation (3), h m (t) represents the absolute minimum film thickness for the entire ring at each time step increment, h s (x) is the ring's axial face-width profile (which does not vary, however the angular position with respect to the liner may change due to ring twist), and Δ d (y,t) is the elastodynamic deflection of the ring.
Out-of-Plane Dynamic Response
The out-of-plane resultant force equation from figure 3 is shown in equation (4).
The out-of-plane equations of motion take a similar form to the in-plane analysis and are shown in equations (5), in terms of out-of-plane displacement (u) and ring twist (β).
The term Φ in equation 5b represents torsional loading, which is assumed to be diminutive in this analysis. This is assumed as the groove reaction load acting upon the ring acts through the ring's nominal radius. As with the in-plane methodology, the eigenvalue problem is first solved. Equation (6) represents the eigenvalue problem, whilst equation (7) is the set of uncoupled equations.
(6) (7) Qn is the term where the excitation force is included in the ring dynamics solution, and takes the form: (8) The solution to equations (5) requires solution of equations (6) and (7). The solution takes the form: (9) The transient ring dynamics model is incorporated into the tribological analysis as follows:
• At each crank angle increment, the net force profiles acting upon the ring (equations (1) and (4)) are applied to the ring dynamics model, for the duration of that crank angle step.
• Seven elastic modes are included in the analysis, both in the ring's plane and in the axial direction. This is because for the engine speeds, loads and geometry assumed, the most extreme ring deflections will be able to be captured by these many modes.
Tribological Analysis of the Top Compression Ring
The lubricant pressure distribution is calculated using Reynolds Equation: (10) In equation 10, ΔU ent =U bore -U piston =−U piston (piston speed) since U bore =0 (stationary bore surface). The lubricant density and viscosity are functions of pressure and temperature. The relationships are given by equations (11) and (12), respectively: (12) where θ is the temperature in Kelvin, the subscript 0 denotes ambient conditions and α p , β p are constants.
The friction generated within the contact comes from either asperity interaction or lubricant shear (F a and F h in equation (4)). The asperity friction was defined by Priest [33] , who used Greenwood & Tripp's [21] asperity load bearing model: (13) τ 0 is known as the Eyring shear stress, while ξ is the pressure coefficient for the boundary shear strength in asperities, and W a is the asperity load. This coefficient is considered to equal 0.17 for ferrous material. A e is the effective area of the contact, accounting for asperities [21] :
Further to the boundary friction, viscous friction must also be considered, as shown in equation (15): (15) where τ is the viscous shear at each circumferential point and A is the ring's face area. Equation (16) shows the expression for the viscous shear, which varies at each point on the ring: (16) As the viscous shear is a function of film thickness, h, the value of viscous shear varies both circumferentially and axially.
Gas Flow Model
A cross-section of the compression ring with the various control volumes is shown in figure 4 . Control volume A is assumed to be at cylinder pressure, whilst control volume D assumes the crankcase pressure. The gas flow model used in this analysis is a modification of the ones presented by Gulwadi [29] and Ruddy et al [27] . Only the top ring is considered in this study. The mass flow rate from A to B is calculated as follows, using Reynolds equation for the gas, as well as the ideal gas law [29] : (16) where A 1 is the cross-sectional area for control volume A, h 1 is the distance between the liner and piston top land, l 1 is the top land height, P A is the cylinder pressure and P B,I is the initial pressure assumed in control volume B. The same methodology is used to calculate the mass flow rate through the other control volumes, although the cross-sectional areas of the control volumes may vary.
The standalone gas flow model was verified against results from Namazian and Heywood [34] . Figure 5 shows the numerical results used to verify the blowby model, showing the mass into, out of and trapped within the ring pack. These results were compared with those presented by Namazian and Heywood [34] in figure 6 . Good agreement can be seen between the results. Plots a, b and c refer to the area above the piston, above the top ring and below the top ring respectively. The gas flow model was incorporated in the tribodynamic analysis by utilising the out-of-plane dynamics methodology. Previously, the ring's groove location for the gas flow model was found using a Newtonian type relationship and iterating through the engine cycle to determine the ring's location at each crank angle. However, the need for this iteration is negated when including the out-of-plane transient ring response. The ring's position at each crank angle increment has been determined with the gas mass flow and pressure in each control volume (CV) calculated according to the ring's position. The calculated gas pressure above and behind the ring is then used in the next time step to evaluate the forces acting upon the ring, as well as the boundary conditions when solving Reynolds Equation. The combination of transient ring dynamics and gas flow model into the analysis is a novel approach. The cylinder gas pressure profiles were provided by industrial collaborators with a typical pressure profile shown in figure 7 . The peak pressure loading conditions for various engine speeds are shown in table 3. Figure 7 . Gas pressure profile. Engine speed = 2000rpm, load = 82.5% Table 3 . Peak pressure loading conditions Figure 8 shows the minimum film thickness at varying lower engine speeds. Each crank angle interval is divided in 150 timesteps to ensure that no instability occurs, and allow the code to run through the crank angle ranges of high speed and pressure. The expected trend is seen, with higher engine speeds yielding larger film thicknesses throughout the engine cycle. Figures 9 and 10 demonstrate the impact of including 3D ring dynamics, with the circumferential pressure plotted alongside the ring's film thickness profile, with snapshots presented at 0° and 15° (point of maximum pressure). It is seen that, even for the very small differences between "minimum" and "maximum" film thickness, the pressure can differ by several MPa between one side of the ring and the other. The small film thickness difference circumferentially is a result of assuming a cylindrical bore, as well as no piston tilt.
Results and Discussion
Since bore out-of-roundness is likely to be tens of μm in magnitude, this would affect the model significantly. Figure 9a shows the 1 st elastic mode is dominant in the response, whilst figure 9b shows the influence of the 2 nd and third elastic modes. Figure 10 shows the corresponding ring position within the groove, whilst figure 11 shows the net gas mass flow through the ring pack. Figure 10 is a result of plotting each 3D ring deformation profile (see inset), to allow the overall trend to be observed. If no gas pressure was seen, the ring motion would be dictated by the piston's axial velocity. However in the expansion stroke, the gas pressure is sufficient to act against the piston's inertial force, which pushes the ring away from the groove. This is why the 'fluttering' effect is seen in the expansion stroke. The ring's position is seen to affect the film thickness, which in turn will alter the friction generated within the contact. When the ring is forced against the lower groove face through the power stroke (particularly at 3000rpm) the minimum film thickness is decreased because a greater proportion of the combustion pressure acts behind the ring. A lower engine speed results in the ring being forced to the bottom groove face earlier in the engine cycle.
The areas around the combustion point (between crank angles of −90° and 90°) see the ring moving rapidly within the groove, particularly at high 3000rpm. This behaviour could be an indicator of ring flutter. The flutter occurs at the same crank angle position, where a higher mass flow rate is observed. The full 3D ring deformation can be seen in the inset of figure 10 , and is obtained by solving the ring elasto-dynamic equations detailed in this paper. The inset in figure 10 demonstrates that elastic deformation of the ring in the axial direction occurs. The deflections shown are of the magnitude of tens of μm. For this particular snapshot, the 3 rd elastic mode dominates the ring's transient response.
The type of motion seen in figure 10 has also been reported by Takiguchi et al [35] , although for different loading conditions and the secondary compression ring. The power loss at these engine speeds is shown in figure 12 . It can be seen that the highest peak power loss actually occurs at the lowest engine speed for this study. This is because the film thickness is thinner for lower engine speeds, so the asperity interaction is more severe when the engine speed is lower. At 2500rpm the ring is forced away from the top groove face, which has been demonstrated in figure 10 (denoted by  area A) . This causes more of the cylinder pressure to act upon the back of the ring, which reduces the film thickness between the ring and the liner. The result is the sharp increase in power loss highlighted in figure 12 , at area A. The numerical model highlights the importance of gas pressure behind the ring, as well as the significance of keeping control of the compression ring's motion. For areas such as the mid-stroke, where hydrodynamic lubrication is prevalent, the higher engine speeds yield greater power loss, as expected. Asperity interactions also occur at the other top and bottom dead centre points. This causes the small peaks either side of the other dead centres to occur. Integrating the power loss over the whole engine cycle gives the energy loss values shown in figure 13 . 
Conclusions
This study presented a novel approach to include ring dynamics into the tribological analysis of the top compression ring. The method by which this analysis is coupled is also highlighted. A verified gas flow model was then included into the tribodynamic compression ring model, allowing for gas blowby to be predicted using the ring's elastodynamics throughout the engine cycle. Results from this study showed the ring motion within the groove, indicating that elastic deformation occurs and potential occurrences of ring flutter and blowby. The effect of the change in pressure behind the ring was also demonstrated, with film thickness and power loss results shown. The presented results demonstrate the behaviour of the ring within the groove and the effect that this motion has on the tribological performance of the system. This is an analysis which has not been previously presented, demonstrating a novel approach to the optimisation of compression ring behaviour. 
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